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Abstract: Approximately 45% of power generated by conventional power systems is wasted due to 
power conversion process limitations. Waste heat recovery can be achieved in an Organic Rankine 
Cycle (ORC) by converting low temperature waste heat into useful energy, at relatively low-
pressure operating conditions. The ORC system considered in this study utilises R-1234yf as the 
working fluid; the work output and thermal efficiency were evaluated for several operational 
pressures. Plate and shell and tube heat exchangers were analysed for the three sections: preheater, 
evaporator and superheater for the hot side; and precooler and condenser for the cold side. Each 
heat exchanger section was sized using the appropriate correlation equations for single-phase and 
two-phase fluid models. The overall heat exchanger size was evaluated for optimal operational 
conditions. It was found that the plate heat exchanger out-performed the shell and tube in regard 
to the overall heat transfer coefficient and area. 
Keywords: organic rankine cycle; heat exchanger; waste heat 
 
1. Introduction 
With the continuous increase in global population over the past decade, energy demand is 
estimated to increase at an average rate of 1.3% annually [1]. Historically, finite non-renewable 
sources such as coal, oil and natural gas were considered a solution to meeting energy demands. 
However, the over-use of these resources has resulted in the emission of greenhouse gases into the 
atmosphere causing severe consequences to the environment such as global warming. It is vital for 
alternative solutions and technologies to be introduced to reduce and prevent further damage to the 
environment. 
At a time when global energy consumption is predicted to increase by almost 50% between 2018 
and 2050 [2], nearly 200 countries throughout the world signed up to the Paris Agreement on climate 
change to limit temperature increases to 1.5 °C, thus requiring significant reductions in CO2 emissions 
[3]. There has been a growth in renewable energy generation, such as wind [4] and solar power [5]. 
However, to fully address the two conflicting requirements of higher energy demand and reduced 
CO2 emissions, it is also important to achieve maximum efficiency from the energy which is used. 
Low-grade waste heat alone accounts for at least 50% of the total heat generated in industry [6] and 
has been shown to represent 9.5% of all industrial energy consumption in the EU [7]. In conventional 
power generation systems, approximately half the resources are wasted as a result of power 
conversion limitations. Waste heat recovery, therefore, provides economic and environmental 
benefits as it encourages greater overall efficiency, which consequently leads to lower demand for 
the resources required for power generation and lower CO2 emissions. 
The Organic Rankine Cycle (ORC) is a power cycle with an organic working fluid which uses a 
low-grade heat source to generate power. There is a range of Waste Heat Recovery (WHR) 
applications where ORCs can be applied, for example, within industrial processes [6] and IC engines 
[8]. In order to utilise this energy successfully, an appropriate working fluid has to be selected [9]. 
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The working fluid is the medium that enables the conversion of heat energy to electrical energy 
through expansion in a turbine/expander. Over the years there have been countless studies 
investigating the impact working fluid characteristics have on the overall ORC performance [10]. Due 
to the abundance of low grade heat sources, many researchers focused on working fluids suitable for 
temperature ranges such as 100 °C to 250 °C [11], 90 °C to 120 °C [12] and approximately 125 °C [13]. 
Darvish et al. [14] analysed energy and exergy changes for different working fluids in a regenerative 
ORC using a heat source of 120 °C. They found that, from the fluids investigated, R134a (HFC) and 
iso-butane (HC) were the optimum fluids with exergy efficiency values of 21.3% and 21.9%, 
respectively. However, R134a has a GWP of 1300 and iso-butane has safety implications relating to 
flammability. Alternatively, R1234yf (HFO) has been suggested as a viable replacement for R134a 
with similar thermodynamic properties and performance in low to medium grade heat sources [15]. 
A crucial component within a WHR-ORC system is the heat exchanger. Due to the nature of the 
heat source, the impact of the heat exchanger should be taken into consideration [16]. The two most 
common types of heat exchangers are Plate Heat Exchangers (PHX) and Shell and Tube Heat 
Exchangers (STHX). A PHX is comprised of a sequence of parallel metal plates which are used to 
transfer heat between two fluids. Over the years research has investigated a variety of methods to 
improve the design of PHXs such as pinch point analysis [17] and genetic algorithms [18]. Zhu and 
Zhang [19] conducted a study to improve PHXs for geothermal heating used within four districts in 
China. A computer program used a process flow diagram in order to optimize existing PHX designs 
by adjusting the number of flow paths and channels. For each of the four districts the computer 
program successfully produced an improved design with a lower heat transfer area requirement. 
Methods of this nature have the capability to consider a wide range of design options to subsequently 
improve PHX design. Further improvements to PHX performance can be achieved by considering 
parameters, such as the corrugation angle [20] and port configuration as well as working conditions 
[21]. 
Shell and tube heat exchangers consist of a bundle of tubes within a cylindrical shell. The shell 
is a pressure vessel which contains one fluid and the bundle of tubes transport the other fluid. The 
main differences between heat exchangers is the configuration of the system, and, ultimately, this 
depends on the application of the heat exchanger and the design requirements. Tube arrangement 
and geometry must be optimised to ensure the flow of the tube side fluid is suitable. The arrangement 
of the tube bundle is generally square or triangular. A square arrangement simplifies maintenance 
and cleaning, and due to the pattern it reduces pressure drops for the shell side fluid, whereas a 
triangular pattern gives a robust configuration [22]. Shell and tube heat exchangers are among the 
most common due to their ability to operate over a range of pressures and temperatures [23]. Similar 
to PHX, previous research has investigated a variety of methods to improve STHX design, such as an 
algorithm for cost-based optimisation [24], a computational fluid dynamics-based design [25] and 
genetic algorithm optimization [26]. 
Despite the substantial research regarding heat exchanger design, only a small proportion of 
studies investigated the implementation of a heat exchanger within an ORC system [27]. Imran et al. 
[28] used a Non-dominated Sorting Genetic Algorithm-II method with minimizing the pressure drop 
and cost as the objective functions. Zheng et al. [29] experimented on the influence different plate 
heat exchanger designs have on the performance of an ORC. A test rig was built to allow switchable 
plate heat exchanger combinations for the evaporator and the condenser. A key finding indicated the 
condenser heat transfer area had a smaller impact on the performance of the ORC compared to the 
evaporator heat transfer area. Walraven et al. [30] conducted a study to assess how the integration of 
PHXs in Organic Rankine cycles differs to the integration of the STHX. The total cycle efficiency was 
calculated for a number of working fluids for both the PHX and the STHX with varied heat transfer 
areas. It was found that for lower heat transfer areas, the ORC integrated with PHXs would have a 
greater output than for ORC’s integrated with shell-and-tube heat exchangers. Many researchers 
have also stated improved performance with plate type heat exchangers due to compactness when 
compared to STHXs [31]. A fuzzy multi-criteria design optimisation and screening methodology was 
conducted by Xu et al. [32] The candidate heat exchangers investigated were PHX and STHX within 
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the ORC. Both types of heat exchangers were modelled in order to calculate their size and heat 
transfer coefficients. Additional thermodynamic factors, such as network output, thermal efficiency 
and exergy efficiency were also considered and calculated for comparison. The selection of the best 
heat exchanger was determined by three objective functions, thermal efficiency, specific investment 
cost and heat exchanger area per unit power output. When considering the heat transfer efficiency 
based on the heat transfer area of the heat exchangers individually, on average, PHXs outdo STHXs. 
However, when incorporating the overall system performance, STHXs offer certain advantages in 
terms of a lower cost and higher operating temperatures and pressures. 
Utilisation of ORCs to generate power output from low-grade waste heat, provides an approach 
which is free from CO2 emissions and fuel costs and thus increases the overall efficiency and reduces 
the need for conventional power generation with its associated cost and CO2 emissions. It, therefore, 
provides environmental advantages in reducing our carbon footprint and, at the same time, provides 
financial incentives to adopt the technology. As with all technologies which are being developed with 
a view to decreasing CO2 emissions, the manufacture and construction of ORCs comes at a cost in 
terms of resources, CO2 emissions and upfront expenditure. 
Here we consider the operation of the ORC, and, in particular, the different heat exchangers that 
are required in the process, to investigate the minimum sizing requirements. This will ensure that 
ORCs can be constructed with minimum physical and financial resources, as well as reducing the 
carbon footprint involved with manufacture, thus maximising the advantages that can be achieved 
through ORC implementation. 
2. Materials and Methods  
Configuration of the ORC is shown in Figure 1. The working fluid selected in this study is 
R1234yf, a fourth generation refrigerant (GWP < 1, ASHRAE Safety Group A2L), suitable for low 
temperature applications [33]. Following [34], hot water at 150 °C from an industrial process was 
used as the heat source and chilled water at 5 °C was the cooling liquid. Saturated liquid state was 
assumed at the condenser outlet at 20 °C, and maximum cycle temperature was taken as 130 °C. 
Evaporation pressures of 10, 15 and 20 bar were considered. Efficiency of compression and expansion 
were assumed to be 85% and 90%, respectively. The thermodynamic properties of the working fluid 
were determined using REFPROP. 
 
Figure 1. Organic Rankine Cycle (ORC) configuration with heat exchanger sections. 
Figure 2 shows the Temperature-Entropy diagram for the ORC with R-1234yf working fluid for 
evaporator pressures of 10, 15 and 20 bar, along with the hot and cold sources. The pinch point 
temperature for the evaporator was set at 20 K, while the pinch point for the condenser was set at 5 
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K. The mass flow rate for R-1234yf was set at 0.8 kg/s and the required flow rates of the hot fluids 
were calculated from the energy balance as 0.50/0.52/0.54 kg/s for 10/15/20 bar, respectively. The flow 
rate of the cold fluid was calculated as 2.85 kg/s for all cycle variations. The efficiency and the net 
work output for the Rankine cycle at the three evaporator pressures considered (10, 15 and 20 bar), is 
shown in Figure 3. As expected, increasing the pressure produces a higher net work output and a 
corresponding increase in the efficiency. 
 
Figure 2. Temperature-Entropy chart for the three Rankine cycles and the corresponding details of the 
circulating water (hot HX, cold C). 
 
Figure 3. Efficiency and net work output from the Rankine cycles at 10, 15 and 20 bar. 
The total heat exchanger area (A) was calculated as a sum of relevant subsection areas (𝐴௜), 
shown in Figure 1, as 
A = ∑iAi = ∑i (Qi LMTDi /Uoi) (1)
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where the summation is over i = 1, 2, 3 at the hot end, corresponding to the preheater, evaporator and 
superheater; and over i = 1, 2 at the cold end, corresponding to the precooler and condenser. LMTD 
is the log mean temperature difference, Q is the heat transfer rate and Uo is the overall heat transfer 
coefficient for each component. These are calculated by the methods discussed below where the 
single-phase equations can be applied to either the liquid or the vapour state of the refrigerant, with 
the appropriate thermodynamic properties. 
2.1. Plate Heat Exchanger 
The flow chart in Figure 4 outlines the methodology used to size the PHXs for the single- and 
two-phase subsections. 
 
Figure 4. Design method flow chart for Plate Heat Exchanger (PHX) sizing for the single phase and 
two-phase options. 
The PHX design method was adapted from Gebremariam’s methodology [35]. The general 
geometrical parameters are given in Table 1.  
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Table 1. Nominal plate geometrical parameters [36]. 
Geometrical Parameters Symbol Value Unit 
Effective Length L 0.4 m 
Effective Width W 0.2 m 
Plate Thickness t 0.001 m 
Port Diameter Dp 0.018 m 
Vertical and Horizontal Port Distance Lv/Lh 0.01/0.02 m 
Corrugation Wavelength λ 0.009 m 
Corrugation Angle β 60 ° 
Compressed Plate Pack Length Lc 0.3 m 
Surface Enlargement Factor Φ 1.25 − 
Stainless Steel Thermal Conductivity k 16 W/mK 
Heat transfer constants Ch and n, and pressure loss constants Kp and m, dependent on the 
corrugation angle (β) and the Reynolds number, and values for pressure drop calculation were taken 
from [37]. The mass flow per channel, Gc and the Reynolds number were determined using Equations 
(2)–(4), where Ach is the channel flow area, De is the equivalent channel diameter and Ncp is the number 
of channels per pass: 
Gc = ṁ/(Ach Ncp) (2)
De = 2 b/Φ (3)
Re = Gc De/µ (4)
where mean channel spacing, b, and plate pitch, p, are given by: 
b = p − t (5)
p = Lc/Nt (6)
and are determined through the iteration in Figure 4. 
An initial estimate is made for the number of passes and plates and the overall heat transfer 
coefficient (Uo) is determined using Equations (7) and (8) [37]: 
h =[k Ch Ren ((Cp µ)/k)1/3 (µh/µc)0.17]/ De (7)
1/Uo = 1/hc + t/k + 1/hh  (8)
If the percentage difference is greater than 5% between the estimated overall heat transfer 
coefficient and the calculated overall heat transfer coefficient, the number of passes and plates are 
continuously altered until the error is less than 5%. 
The two-phase design method stems from the methodology outlined by Rohmah et al. [38]. The 
governing equations are the same as for the single phase, with Reynolds number expressions 
Equations (9) and (10): 
upc = ṁ/(ρ Ncp Ach) (9)
Re = (ρ upc De)/µ (10)
Nu = 0.26 * Re0.65 * Pr0.4 * (µ/µwall)0.14 (11)
where upc is the channel velocity. 
The PHX pressure drop is considered using the method in Mota, Carvalho and Ravagnani [37]. 
∆Ptotal = ∆Pc + ∆Pp (12)
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∆Pc = (2 f Lv Np Gc2)/(ρ De) (13)
∆Pp = (1.4 Gp2)/(2 ρ) (14)
where the port mass velocity is: 
Gp = (4 ṁ)/(π Dp2) (15)
2.2. Shell and Tube Heat Exchanger 
The design method for sizing the STHX was modified from Kern [39], illustrated by Figure 5. 
The first assumption for the overall heat transfer coefficient (U) was 500 W/m2K. In-line arrangement 
was considered. Tube diameters and baffle spacing were chosen from ASTM/ASME standards; tube 
pitch and clearance were calculated based on the methodology in [22]. The shell diameter was 
determined using the tube sheet layouts from literature [39]. The general geometrical parameters are 
given in Table 2. The method considers that the working fluid occupies the shell and water occupies 
the tube for all designs. 
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Figure 5. Design method flow chart for shell and tube heat exchanger sizing for the single phase and 
two-phase options. 
Table 2. The assumed overall geometric parameters for the shell and tube heat exchanger. 
Geometrical Parameters Symbol Value Unit 
Internal Tube Diameter Dt 0.019 m 
Shell Diameter Ds 0.203 m 
Number of Tubes Nt 24  
Number of Tube Passes Np 2  
Square Pitch Length PT 0.238 m 
Tube Clearance C 0.005 m 
Baffle Spacing B 0.305 m 
The Reynolds number for the shell and tube was found using Equations (16) and (17) for the 
tube and Equations (18)–(21) for the shell [22,39].  
ut = (4 ṁt (Np/Nt))/(π ρt Dt2) (16)
Ret = (ρt ut Dt)/µt, (17)
De = 4 * (PT2 − ((π/4) Do2))/(π Do), (18)
as = C B Ds/PT (19)
Gs = ṁs/as (20)
Res = De Gs/µs (21)
Nusselt number and heat transfer coefficients were calculated for turbulent flow using 
Equations (22)–(25) [22]: 
Nut = 0.023 Re0.8 Prt0.4 (22)
Nus = c (a/b)P Resm Prc1/3 (Prc/Prs)0.25 (23)
ht = Nut kt/Dt (24)
hs = Nus ks/De (25)
Correlations for the turbulent two-phase uses Equations (26)–(28) which are valid for 1500 < Re 
< 15,000:  
hf = 0.021 Ref0.8 Pr0.43 ks/De (26)
hkf = hf (1 + x (ρl/ρg − 1))0.5 (27)
where x is the dryness fraction, which is taken as the mean of end values. 
Finally, the pressure drops can be determined considering the pressure drop across the tubes 
and shell. Equations (29)–(31) represent the correlations used for the tube side, considering frictional 
losses and return losses. 
∆Pt,f = f (L/d) (ρ u2/2) (28)
∆Pt,r = 4 (u2/(2 g)) ρ Np (29)
∆Pt = ∆Pt,f + ∆Pt,r (30)
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As with the PHX, an iterative process is followed until the percentage difference is less than 5% 
between the estimated overall heat transfer coefficient and the calculated overall heat transfer 
coefficient. The shell side pressure drop was calculated using an approach by Peters, Timmerhaus 
and West [40]. 
3. Results/Discussion 
Figure 6 shows the heat transfer requirements in each component of the hot and cold heat 
exchangers. It is evident that increasing the pressure changes the energy transfer requirements in the 
different components of the heat exchangers. At the hot end there is an increase in the heating 
required in the preheater section as the pressure is increased, while there is a decrease in the heating 
required in the superheat section. At the cold end, the heat transfer within the condenser is 
independent of pressure and in the precooler the heat transfer requirements reduce with increased 
evaporator pressure. Additionally, as the pressure increases, there is a marked decrease in the heat 
transfer rate in the evaporator section due to the narrowing of the saturating curve with pressure, 
seen in Figure 2. 
  
(a) (b) 
Figure 6. Heat transfer rate in the (a) hot and (b) cold heat exchangers for 10 bar, 15 bar and 20 bar 
evaporator pressures. 
The corresponding surface areas, required to produce the heat transfer requirements detailed in 
Figure 6a,b, are presented in Table 3 and in Figure 7a for the PHX and Figure 7b for the STHX, 
respectively. 
Table 3. Surface areas for each component of the PHXs and STHXs with evaporator pressures of 10, 
15 and 20 bar. 
 Pressure (bar) 
Surface Area (m2) 
Preheater Evaporator Superheater Precooler Condenser 
PHX 
10 2.60 4.82 5.04 8.00 13.21 
15 3.66 4.60 4.82 7.73 13.21 
20 4.30 4.17 4.53 7.28 13.21 
STHX 
10 2.39 7.01 7.22 9.37 25.46 
15 3.90 7.37 6.53 8.86 25.46 
20 4.88 7.26 6.01 8.59 25.46 
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Figure 7 and Table 3 show the areas for both the heat exchangers. The surface area is influenced 
by the required heat transfer rate and also by the temperature of both the refrigerant and the water, 
both of which vary with pressure in each section of the heat exchanger. 
    
(a) (b) 
Figure 7. Heat transfer surface area for the (a) hot and (b) cold end. 
Considering first the PHX. At the hot end first, the surface area of the superheater section is 
observed to decrease with increased pressure, as might be expected from the reduction in the heat 
transfer rate in Figure 6a. In the evaporator section there is also a small decrease in the surface area 
as the pressure increases over the range considered, which is again in line with the reduced heat 
transfer rate in Figure 6a. The surface area of the preheater section increases with pressure as does 
the heat transfer rate in Figure 6a. This suggests that the heat transfer rate is the main component in 
determining the surface area of each section; however, the temperature variation also influences the 
results in such a way that the maximum total surface area is largest for the 15 bar configuration. 
Overall, there is only a small change in the hot heat exchanger surface area, for the much larger 
increase in efficiency and net work which can be achieved by increasing the pressure. 
As seen in Table 3 and Figure 6b, the cold end surface area through the condenser is independent 
of pressure due to the heat transfer rate and the temperature of both fluids also being independent. 
The only change is in the precooler where the area reduces with pressure due to the reduced heat 
transfer rate. This is echoed in the total area for the cold end. 
The main features observed for the PHX in Figure 7 are also evident for the STHX. However, in 
terms of the total surface area of the hot heat exchanger, there is an increase in area with pressure 
despite the total heat transfer rate decreasing. This is due to the varying temperatures in each section, 
as observed in Figure 2. 
The most significant difference between the two heat exchangers is the required surface area, 
which is significantly smaller for the PHX. At 20 bar, where the Rankine cycle is most efficient and 
produces the highest net work, the required surface area is 40% larger, in the STHX, at the hot end 
and 66% larger at the cold end. This agrees with previous research identifying that PHXs have a lower 
heat transfer area requirement than shell and tube systems [11,14]. 
Pressure losses will occur in the heat exchangers, which will affect the shape of the cycles in 
Figure 2, and also the details of the heat exchangers, as well as the net work and efficiency of the 
cycle. The size of the losses depends on the dimensions of the heat exchanger and so cannot be 
determined prior to the sizing calculation. It is, therefore, interesting to consider the magnitude of 
these losses and how they affect the performance of the cycle. This is presented in Table 4 which 
shows the total pressure drop over the preheater, evaporator and superheater, and also the 
percentage change in the net work and efficiency of the cycle. The largest difference occurs at 10 bar 
in the PHX, where the pressure drop causes a reduction in the net work and the efficiency by 
approximately 2%, which is relatively negligible. At the higher pressures, the effect is smaller and no 
greater than 0.5%. For the STHX the losses are smaller, and the calculated net work and efficiency 
changes are comparable with the accuracy of the calculations. The pressure drop in the PHX depends 
most strongly on the port diameter, Dp. Increasing this would reduce the pressure drop and the 
associated reduction in net work and efficiency. In both cases the pressure drops, for the parameters 
selected in this study, are small and have a negligible effect on the performance, even at 10 bar. The 
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lower losses for the STHX should not be viewed as an advantage over the PHX since the design 
parameters can be adjusted to reduce the pressure drop if required. 
Table 4. Pressure drop in the heat exchangers and the corresponding reduction in net work and 
efficiency. 
 Pressure (bar) Pressure Drop (kPa) Net Work Change (%) Efficiency Change (%) 
PHX 
10 11.00 2.08 2.12 
15 7.29 0.49 0.51 
20 5.40 0.19 0.21 
STHX 
10 0.41 0.08 0.08 
15 0.38 0.03 0.03 
20 0.34 0.01 0.01 
4. Conclusions 
The sizing of heat exchangers has been considered for an R1234yf ORC operating between a hot 
water reservoir at 150 °C and a cold water reservoir at 5 °C for evaporator pressures of 10, 15 and 20 
bar, which cover the typical operating range of the cycle. The 20 bar system had the highest efficiency 
(10.3%) and also produced the highest net work (20.55 kW for a refrigerant mass flow rate of 2.85 
kg/s). Based on this ORC, with the three different evaporator pressures, calculations were performed 
to find the minimum area requirements for the five associated heat exchangers (preheater, evaporator 
and superheater at the hot end and precooler and condenser at the cold end). These calculations were 
performed for Plate Heat Exchangers and Shell and Tube Heat Exchangers. 
The heat transfer rate in each heat exchanger was seen to change as the evaporator pressure was 
changed from 10 bar, through 15 bar, to 20 bar, with a decrease in the heating rate required in the 
superheater, evaporator and precooler and an increase in the preheater. Details of the surface area 
requirements were also calculated and presented. At the different pressures, the required area 
changes due to the associated heat transfer rates and also the differing temperatures of both the water 
and the working fluid. The results show that the heat transfer rate is the main component in 
determining the surface area of each section; however, the temperature variation also has an effect: 
for example, the area of the STHX evaporator is smaller at 10 bar than at 15 bar. As well as the specific 
details of each heat exchanger, it was shown that that there is only a small change in the heat 
exchanger surface area as the evaporator pressure is increased, compared to the much larger increase 
in efficiency and net work. The PHX was seen, at each of the pressure levels considered, to have a 
lower area requirement of almost 40% at the cold end and slightly over 25% at the hot end. 
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Nomenclature  
A Area (m2) 
Ach Channel flow area (m2) 
b Mean Channel Spacing (m) 
B Baffle spacing (m) 
C Tube clearance (m) 
De Equivalent channel diameter (m) 
Energies 2020, 13, 3615 12 of 14 
 
Dp Port Diameter (m) 
Do External Tube Diameter (m) 
Dt Internal Tube Diameter (m) 
Ds Shell Diameter (m) 
Gc Mass flow per channel (kg/m2s) 
Gp Port mass velocity (kg/m2s) 
k Thermal Conductivity (W/mK) 
L Effective Length (m) 
Lc Compressed Plate Pack Length (m) 
Lh Horizontal Port Distance (m) 
Lv Vertical Port Distance (m) 
ṁ Mass flow rate (kg/s) 
Ncp Number of channels per pass (-) 
Np Number of passes (-) 
Nt Number of tubes (-) 
p Plate Pitch (m) 
Q Heat transfer rate (kJ/s) 
t Plate Thickness (m) 
upc Channel velocity (m/s) 
U Overall heat transfer coefficient (W/m2K) 
W Effective Width (m) 
Greek letters 
β Corrugation Angle 
λ Corrugation Wavelength 
Φ Surface Enlargement Factor 
Subscripts 
c cold side 
e equivalent 
f frictional 
h hot side 
i internal 
o external 
r return 
s shell 
t tube 
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